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ABSTRACT

The importance of advanced instrumentation to directly

measure assumed or unknown subsystem properties or

characteristics of power plants, operating within the current

market, is presented.  These measurements are needed to

quantify critical parameters, not only in units with older control

hardware, but also for those equipped with modern information

systems, which may or may not contain simulation com putations,

for plant control and management.  One such measurement is air

in-leakage into the shell side of a steam surface condenser.  This

measurement, along with an understanding of its response to

behavior of steam and non-condensables within the condenser

space, is discussed.  This understanding provides the foundation

for a comprehensive theoretical treatment of how air behaves in

a condenser, and its effect on condenser performance.

The use of RheoVac® air in-leakage and condenser

diagnostic instrumentation will be presented.  This instrument

provides the ability to measure properties of the gases entering

the vent line from the air removal section  of a condenser.  It will

be shown that these data, a long with other condenser operating

parameters, can be combined to describe air passage within the

condenser. Also described are the performance characteristics

of the condenser as they are affected at different levels of air

ingress.  The impact of air in-leakage on excessive sub-cooling,

resulting in high disso lved oxygen, will be presented.  A

practical control point for maintain ing air in-leakage in

operating plants will be argued from the viewpoint of minimizing

dissolved oxygen and improving heat rate.

1. INTRODUCTION

This paper presents the description of a new measurement

based model that provides the basis for a theoretical description

of the behavior of a power plant steam surface condenser

performance under the influence of air in-leakage.  The

measurement is a quantification of properties of the water vapor

and non-condensable gas mixture flowing in the vent line

between the condenser and the exhauster.  These properties are

used, along with condenser measurements and operating

conditions, to identify gas mixture properties inside the

condenser.  This model is then used to predict important

condenser performance and behaviors which is compared to plant

measurements and observations to confirm model validity.  The

measurement is shown to be compatible with requirements for

modern power plant information systems supporting O & M,

plant life, asset management and predictive maintenance.

2. BACKGROUND

In 1963, Professor R.S. Silver(1) published a stimulating

paper dealing with the general theory of surface condensers

where it was stated that, “It is well known to all operators and

designers of condensing plants that the presence of a  small

proportion of air in the vapor can reduce the heat transfer

performance in a marked manner.”  In a recent publication by

EPRI(2) (January, 2000), to which the author made contributions,

on the effects of air ingress, it is stated, “but the presence of even

small amounts of air or other non-condensables in the shell space

can cause a significant reduction in the effective heat transfer

coefficient.”  In effect, for thirty-eight years, this understanding

has remained entrenched and unchanged.  In neither of these

publications nor any other publication or paper known to the

author, has a quantifiable amount of air in-leakage into an

operating condenser resulted in a measured change in condenser

performance.

The currently accepted description of a condenser and the

formulas for determining its performance are as follows.  The

illustration in Figure  1 represents the temperature profile of

cooling water passing through tubes in a condenser.  Here, Tv is

the vapor temperature which can be set equal to the ho twell

temperature, THW. Tcw1 and Tcw2 are inlet and outlet circulating

water temperatures.  TTD  is the terminal temperature difference,
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)Tcw is the rise in circulating water temperature, and )T lm is

defined as the Grashof logarithmic mean temperature difference

which is the mean temperature driving force for heat flow

between the exhaust steam vapor and cooling water in the

condenser tubes.  The relationship between )T lm and others in the

diagram is

(All temperatures in °F) Eq. 1

which can be written as:

Eq. 2

Since )Tcw is due to  a steam load Q  (BTU/hr) from the turbine

requiring energy removal sufficient to convert it to condensate,

we can write

(Heat load to the circulating water) Eq. 3

also,

(Heat load from steam condensation) Eq. 4

where m0 cw (lb/hr) is the mass flow rate of circulating water, cp

(BT U/lbC°F) the specific heat of water , m0 s (lb/hr) the mass flow

rate of steam, and h fg (BTU/lb) the enthalpy change (latent heat

of vaporization) of incoming steam.  Combining Equations 3 and

4, we have:

Eq. 5

which defines the rise in circulating water temperature in terms

of mass ratio of steam flow to circulating water flow and two

identifiable properties.  Consistent with good engineering heat

transfer practice in describing heat exchangers, Q  is related to the

exposed heat transfer surface area A, and )T lm, with a

proportionality factor characteristically called the heat transfer

coefficient, U.  This relationship is given by:

Q  = U A ) T lm Eq. 6

Combining Eq. (6) with Eq. (2) and (3), we have:

Eq. 7

which, following rearrangement, becomes:

Eq. 8

Since cp is nearly constant, and m0 cw and )Tcw held constant

through a fixed load Q  and with A assumed constant, the terminal

temperature difference becomes only a function of U, or:

TTD = ƒ(U ) Eq. 9

The theory goes on to say that the thermal resistance R, the

inverse of U, can be described as the sum of all resistances in the

path of heat flow from the steam to the circulating water, given

by:

R = 1/U = Ra + Rc + R t + R f + Rw Eq. 10

where , a is air; c, condensate on tubes; t, tube; f, fouling and w,

circulating water.  Historically, much effort has gone into

describing analytically each of these series resistances.  The best

characterized are  Rw, R f and R t.  Values of Rc, dealing with

condensate on the tubes, have gained a lot of attention with some

success; and Ra has essentially been ignored with the exception

of near equilibrium diffusion limited experimental measurements

and its associated theory(3).  The latter is generally believed  to be

very complex(1,2) and limited data is available.  The general belief

is that small amounts of air will dramatically affect the heat

transfer coefficient, resulting in an increase in the values of )T lm

,  TTD, and THW.  The importance to the work to be presented is

that Ra is assumed to be treatable in a manner similar to tube

fouling, as shown in Equation 10.

3. DEFICIENCIES OF THE CURRENT CONDENSER

MODEL

To examine the validity of the existing model, tests can be

made.  It should be expected that if a large number of power

plant steam turbine condensers were tested under a normalized

or similar condition, a common agreement or trend  would  exist

in the measured heat transfer coefficient.  These tests would

confirm the usefulness of Equations 2 and 6 in describing

performance of given condensers.  Gray(4) reports the determined

heat transfer coefficients, using Equation 6, vs. circulating water

tube velocity for many clean tube condensers normalized to 60°F

inlet circulating water.  These data are shown in Figure 2.

According to the theory, a ll data should lie scattered about a neat

curve as shown by HEI(5).  Gray’s data shows that this is not the

case; he concluded that the measured variation indicates the need

for an improved design basis.  The degree of disagreement goes

far beyond the subtle modification coefficients discussed

elsewhere(2,5) which is the subject of modern theoretical endeavor.

With reference to Figure 1, Q  is a measurable quantity and

its value is re latively easy to ascertain.  )T lm on the other hand is

not so easy to determine.  It is assumed that it is the same for

each tube in the condenser.  For this to be the case all tubes must

have the same flow rate, equal internal fouling (or none at all)

and identical environments on the shell side.  However, an

overwhelming amount of data is available showing that this is not

the case.  Discharge temperature  in the outlet water box may be

non-uniform and tube exit temperatures vary as much as 10°F or

more over large areas even though flow rate in each tube is the

same.  Work by Bell(6) shows 20°F variations which he attributes

to “air binding.”  The use of an overall average value of )Tcw,

should  however, be in proportion to Q .  But, this does not

guarantee that the form of Equation 2, 6 or 8 in determining the
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heat transfer coefficient value is valid.

The value of A in Equation 6 is measured for a given

condenser as being the total tube surface area.  The form of

Equation 6, however, reflects a different understanding for A.  In

this equation, A has the meaning that it is the useful area

participating effectively as a heat exchange surface.  That would

include condensate on the tube surface and sub-cooled

condensate drops or  streams, in transit under the force of gravity,

in the space between tubes.  If any portion of the condenser is not

involved significantly in condensing steam, and its numerical

value is known, then the physical tube surface area A may be the

wrong value to use in determining the condenser heat transfer

coefficient.  The above air binding is an example.

Another limitation of the model is the lack of understanding

of air in-leakage behavior within the shell side of the condenser.

Instead of a “little amount of air affecting condenser

performance,” measurements show that as long as the air in-

leakage is below the capacity of air removal equipment to

remove air at a suction pressure compatible with the hotwell

temperature equilibrium pressure, no excess turbine back

pressure is experienced(7).  Very high air in-leakage can be

prevented from affecting condenser performance simply by

adding more exhausters.  This means that the model developed

which shows air converging on tubes by virtue of scavenging by

radially directed condensing vapor is not valid throughout the

condenser as some may believe.

Further, when air in-leakage exceeds the capacity of the

exhausters the pressure begins to rise above an observed

saturation level.  Under these conditions condenser performance

is known to be adversely affected.  Following from Equations 6,

9 and 10 the value of TTD should increase causing a rise in the

Tv  and a subsequent rise in hotwell temperature.  In-plant

measurements, however, do not always support a rise in hotwell

temperature resulting from air in-leakage induced excess back

pressure(7).  Added excess back pressure  often appears as an air

partial pressure above that of the hotwell temperature-driven

saturation water vapor partial pressure.  Further, there is no

analytical description for the condenser pressure saturation

response at low air in-leakage.

A number of these deficiencies will be discussed  in this

paper in sufficient detail to justify and verify the validity of this

new model for understanding condenser performance.  Analytic

treatment of the remaining deficiencies is the subject of another

treatise.

4. CONDENSER MEASUREMENTS

Measurements of air in-leakage in steam surface condensers

has been performed using a patented multi-sensor probe(2,8) since

1994.  This measurement is made in the exhauster vent line at a

convenient location between the condenser shell and the

exhauster suction port.  There are four measurements made on

the flowing gases along with reasonable assumptions regarding

its composition that permit quantifying the mass flow rate of the

gas mixture constituents.  It is assumed that the mixture is

composed of water vapor and air.  All non-condensables being

removed from the condenser are included in the measured

amount of air.

The probe(8), shown in Figure 3, consists of a dual probe

thermal flow sensor, a temperature sensor that is also used as the

flow sensor reference, a pressure sensor and a sensor to measure

the relative saturation of the water vapor component.  A

microprocessor based electronics package provides for

mathematical manipulations of thermodynamic equations

describing the gas mixture to separate the total mass flow rate of

the gases into the two identified  components.  In doing so,

various properties are computed which are shown in Figure 3.

The usefulness of these parameters have been discussed in

several publications(2,7,9,10), special focus is directed to the water-

to-air mass ra tio(7) because of its clear indication for relating the

threshold of air in-leakage to the onset of excess condenser back

pressure.

The instrument accuracy for measuring air in-leakage is

about 1 SCFM with a precision of 0.1 SCFM .  It was this

instrument that allowed well defined property measurements in

the vent line to permit precise quantification of sub-cooling

within the condenser subsections and identification of gas

dynamics inside the condenser described in this paper.  Without

this instrument and insight from past observations in the open

literature by referenced authors, the work presented here would

not have been possible.

5. BASIC CONDENSER MODEL

Model with No Air  To understand the behavior of a

condenser under the influence of air ingress we must first

understand its behavior without air, and other non-condensables.

This view permits us the luxury of examining a very simple

hypothetical configuration without the complexity of obstructions

and an air removal section (ARS).

This hypothetical condenser is shown in Figure 4.  It would

be a somewhat practical design if there was no air in-leakage or

if there was no production of other non-condensable gases

developed in the water and steam cycle, since all of the load

could be condensed and a vacuum maintained.  Assume an

hexagonal patterned obstruction-free tube bundle of radius R=

12.37 ft, containing n t = 20,272 tubes of 1 inch outside diameter,

22 ga wall, located on 2 inch centers, and each tube length L =

68 feet.  The density of tubes d t in the tube bundle becomes

42.16 tubes/ft2.

Assume that circulating water flow and applied load having

a steam mass flow rate of 0m s = 2.4441 × 106 lb/hr, results in a

hotwell temperature THW = 108°F and a turbine back pressure

P = 2.45" H gA.  Since it is common to expect the same

circulating water outlet temperature for each tube, we can say

without apology that each tube is responsible for condensing the

same amount of steam at a ra te given by:

Eq. 11

We may further assume that the steam flow is distributed

such that the velocity of the steam toward the tube bundle outer

boundary area, a, is uniform over this total surface region and is

radially directed inward.  This velocity is given by:

Eq. 12
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where Ds is the inverse of the specific volume of entering steam

at the temperature of 108/F.  For a familiar reference to all

readers, this velocity is equivalent numerically to a speed of 24.6

MPH, for this condenser.

To see how this velocity changes throughout the bundle, we

first examine the inward directed mass flow rate as a function of

radial distance.  The number of tubes, nr ,that exist inside the

cylindrical area described by radius, r, is the product of this area

and the tube bundle density, d t, given by: nr = B r2d t.  The mass

flow of steam, m0 r , is then simply nr multiplied by the mass flow

rate per tube, from Equation 11 , given by:

m0 r = B m0 t d t r
2 Eq. 13

The steam velocity dependence on radial distance is then

given by Equation 13 divided by steam density and the

cylindrical surface area of the tube bundle confining the tubes

within radius r, or:

Eq. 14

Equation 14 shows that for the geometry considered the radial

velocity is directly proportional to the radial distance going to

zero at the geometric center  of the tube bundle.  The solid line in

figures 5A & 5B shows the radial distribution of mass flow rate

and velocity of steam for the ideal no air condenser (along with

other cases to be discussed later).

Recall that the hotwell temperature is THW = 108°F and each

tube has a condensation rate of m0 t = 120.56 lb/hr.  An acceptab le

value for the circulation water velocity is vcw = 6.33 ft/sec.   We

may also assume an inlet circulating water temperature  of Tcw1 =

85°F.  Note that the total condensing surface area A is 360,889

ft2 derived from tube geometry and defined values, and that the

surface area of each tube is A t = 17 .8 ft2.

To solve for the heat transfer coefficient U, the circulation

water mass flow rate m0 cw must first be calculated using the inner

tube cross sectional area a t = 0.00486  ft2, water density D, and the

above flow velocity vcw, giving m0 cw = D <cw a t = 6909.1 lb/hr/tube

or 279,889 GPM /condenser.  Now, using Equation 5 and an

enthalpy value h fg of 1032.5 for THW = Tv = 108°F, then )Tcw =

18.024/F.  Knowing that TTD = Tv ! )Tcw ! Tcw1, we obtain TTD

= 4.98°F.  From Equation 2, )T lm = 11.78°F.  Finally, using

Equation 6 we can  solve for U obtaining a value of 593.8

BT U/( ft2 × hr × °F).  Since all tubes in the condenser act the

same, the values of U and )T lm for the whole condenser are the

same numerical values for each individual tube.

The performance parameters and operating conditions

discussed above are summarized as case 1 in Table 1.  If there

were no air in-leakage nor other non-condensables entering the

shell space of this condenser, it would be a suitable design for

535  MW generating unit.

Table 1 - Summary of Hypothetical Condenser Performance

Constants: THW = 108°F, U (active tubes) = 593.8  BT U/ft2 × Hr × °F, Tcw2 (average) =  103.2°F

Active Area

Circulating

W ater Out

(°F)

Condensate

per

Active Tube 

(lb/hr)

Active

TTD

Active

)T lm

Apparent Heat

Transfer

Coefficient

Area

Coefficient

0Case

#

%

Tubes

Lost

TV

(°F)

Pressure

("HgA)
(°F) (°F)

1 0 108.00 2.450 103.02 120.56 4.980 11.78 593.80 1.000

2 2 108.46 2.483 103.35 123.03 5.442 12.33 567.01 0.955

3 6 109.45 2.556 104.15 128.26 6.432 13.49 517.95 0.873

4 11.1 110.84 2.660 105.24 135.62 7.822 15.08 462.98 0.780

5 22.2 114.45 2.950 108.08 154.97 10.980 18.56 375.40 0.632

6 33.3 119.25 3.376 111.84 180.76 16.232 24.13 287.96 0.485

Model with an Amount of Air  Consider now what happens

if an amount of air is injected into this condenser.  It should be

obvious that the high speed of the radially directed steam will

carry (scavenge) the air toward the center of the condenser where

it will accumulate as shown in Figure 6.  Since the total pressure

in the central region is essentially that of the condenser, an

equilibrium is established between the air and water vapor such

that the sum of their partial pressures is equal to the condenser

pressure.  This demands a drop in water vapor pressure with a

consequential drop in its temperature.  The only way for the

temperature to be reduced is to slow the rate of condensation on

these tubes allowing the circulating water temperature rise per

unit length to be lower throughout this tube bundle region.  The

lack of heat transfer from condensing steam due to the presence

of air is the cause for the region to drop in temperature, and

results in condensate sub-cooling.  It is these tubes in this region

of the condenser that behave in a manner described elsewhere in

the literature(3) but generally thought to prevail throughout the

whole of the condenser.  Air cannot exist and does not exist in a

concentrated form around tubes in the steam rich, high velocity

region outside the central region of the condenser tube bundle.

It is not unexpected that this region would contain a very low

mass ratio of water vapor to air.  Henderson and M archello(3)

showed that the ratio of measured heat transfer coefficient with

air present, on a condensing tube, to the heat transfer coefficient

with no air, plotted against mole percent of non-condensable air

in vapor was dramatic, giving rise to the general belief the

presence of even a small amount of air  or other non-condensable

in the shell space of a condenser can cause a significant reduction

in the effective heat transfer coefficient.  Their obtained

laboratory data, originally shown as mole percent dependence, is

presented in Figure 7, modified to show with high resolution the
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corresponding water-to-air mass ratio.

It has been shown from plant tests, for a water vapor to air

mass ratio of less than 3 measured in the exhauster line, the

exhauster back pressure will rise(7).  From Figure 7 the heat

transfer coefficient for this mixture is reduced to 10% of its no

air value.  For purposes of illustrating the model we will assume

there is no condensation in a region with a water vapor to air

mass ratio of #3.  This allows us to define a few useful terms.

The outside region having high vapor concentration of

condensing steam and relatively high velocities may be called the

"Steam Wind" region.  The air enriched area is identified as the

"Stagnant" region, as velocities can be near zero since there is no

condensing steam driving the velocity.  Practically, there is no

sharp demarcation line between these two regions as may be

explained by thermodynamics of concentration gradients.

Returning to the above, we will assume the amount of air is

sufficient to effectively eliminate condensation on all centrally

located tubes inside the space defined by one third the tube

bundle radius, or 11.1% of all tubes are removed from service.

To observe the effect on excess back pressure and vapor

temperature we proceed essentially as before.  The hotwell

temperature may rise to 110°F; and the reason for this will be

explained later.  The steam load will remain the same but since

the number of active tubes are reduced to 18,022 we have from

Equation 11: m0 t = 135.6 lb/hr, which is the steam mass flow rate

per tube for each tube in the Steam Wind region of the

condenser.

To determine the new equilibrium condenser steam

temperature and corresponding condenser pressure, we first

assume a new vapor temperature of 110°F from which the

corresponding h fg (enthalpy) value of 1031.4 BTU/lb is obtained.

The new circulating water temperature rise, at the same flow rate

as before, across the tube length for each active tube is found

from Equation 5 to be:

Eq. 15

The value for )T lm can be obtained from Equation 6 on a per tube

basis, using the above no-air heat transfer coefficient, as:

Eq. 16

and the terminal temperature difference, on a per tube basis, is

found from Equation 2 to be:

Eq. 17

from which Tv = 85 + 20.25 + 5.59 = 110.84°F, which is

sufficiently close to the assumed 110/F that iteration is not

needed.  The resulting condenser pressure becomes pv = 2.660

HgA, giving an excess back pressure of 2.660 ! 2.450 =

0.210"H gA, caused by the presence of air.

Assuming this space in the stagnant zone is only 6°F sub-

cooled, but keeping in mind that since the region is assumed to

have no steam condensation, it could therefore reach, in the limit,

the temperature  of the inlet circulating water.  The water vapor

pressure in this region is dictated by the temperature of 110.84

! 6.0 = 104.84°F, which is 2.233"HgA having a density of

.00326 lb/ft3.  The air partial pressure pa must therefore be 2.660

! 2.233 = 0.427"HgA for this region to be in equilibrium with

the remainder of the condenser.  From the well known

relationship:

Dv/Da = 0.622 pv/pa Eq. 18

the mass ratio is determined as mv / ma / Dv / Da = 0.622

(2.233 / 0.427) = 3.25, in agreement with the desire to have

negligible heat transfer.

The gas space volume of the stagnant zone Vsz is given by:

Eq. 19

where the second term is the volume taken up by the enclosed

tubes.  As a consequence of Equation 19, with a mass ratio of 3

and the stated water vapor density, the total mass of air in Vsz

becomes ma = 2797.6 × a  × .00326 = 3.04 lb.  This condition is

realized with 40.6 standard cubic feet of air inserted into  the

condenser.

Should, however, this vapor space fall to within 2°F of the

inlet circulation water, or 87°F, pv = 1.293 "H gA with:

 and 

where, from Equation 18

,

giving

 and, m0 a = 2797 ×  .00331 =  9.3 lb

At this lower temperature the stagnant zone would  contain

13 standard cubic feet of air.  It should be noted that the region

is effectively eliminated from the overall condensation process

regardless of the amount of sub-cooling below 6°F but the

amount of air to isolate the region is a function of the amount of

sub-cooling.  It is anticipated that the degree of sub-cooling will

be a function of the stagnant zone size and gas dynamics, a

subject of future work.

Using methods similar to the development of Equation 13

and 14, with rs being the radius of the stagnant zone, we may

obtain for the mass flow rate m0 r,a, and steam velocity vr,a, with a

stagnant zone of air, as:

   and   

Eq. 20 & 21

Table 1 shows not only the above data as case 4, but also,

the effects of o ther reductions in the number of tubes available

for condensation.  It shows how excess back pressure increases

with the number of tubes removed from the condensation process

within the stagnant zone.  As air blocks the number of tubes
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principally in the center of the condenser driven by the Steam

Wind region, condenser back pressure and temperature will rise,

increasing the condensation load per active tube.

It should be noted that the heat transfer coefficient U per

tube does not change for active tubes as can be observed from

the use of Equation 6.  It may be expected, as the load on a

condenser increases, the value of )T lm increases proportionally,

with no change in U or A, as long as the tubes in A are active

tubes.

This could explain most of the non-conformance with theory

as presented by Gray(4) for the large number of condensers he

evaluated.  Although he made these measurements following

cleaning of the tubes, he showed no clear evidence that exhausters

were capable of removing air in-leakage sufficiently to prevent air

caused excess back pressure in his study.  It should become

obvious that a coefficient 0 (Table 1) should be used in Equation 6

to modify A, when air is present, in attempting to compute fouling

contributions to changes in U.

Hotwell Temperature B ehavior with Air In-Leakage

Common to condenser behavior with variable and known air in-

leakage is that the hotwell temperature may or may not increase

with the accompanying increases in condenser pressure and

steam temperature .  The model presented explains this variab le

behavior.

Referring to Figure 8, the sixth case (33.3% case) shown in

Table 1, the active tubes are those lying within the annular region

(areas B &  D) of the tube bundle.  For condensate to reach the

hotwell it essentially drains downward in a vertical direction.

Condensate produced in this region falls at a surface vapor

temperature of approximately 119°F.  For the geometry shown

the number of tubes in area D  are 3,634 and these tubes produce

a condensate mass flow rate m0 c,D of 3,634 ×180.8 lb/hr/tube =

0.6570 × 106 lb/hr.  The other active tubes in the annular region

B, convert the remaining steam load to condensate at a rate of

(2.4441 ! .6570) × 106 = 1.787 × 106 lb/hr.

Let us evaluate what happens to the temperature of

condensate produced in area D  as it falls through the stagnant

area C having inlet circulating water temperature of 85°F.  Using

the heat transfer equation:

 Eq.22

assuming cp,c = cp,cw, and setting T f,c = T f,cw = T f,cc  with c referring

to condensate, cc to cold condensate, cw to circulating water, i is

initial and f final temperatures, we can now solve for T f,cc after

finding that m0 cw / m0 c,D = 37 .94 and knowing that, T i,c = 119.03/F

and T i, cw = 85/F, the result is that T f,cc = 85.87°F.  A possible

consequence of cooled condensate originating from area D

reaching the bottom of area C  having a mass flow rate of m0 cc =

m0 c,D at about T f,cc = 86°F is that it will then mix with condensate

from all of area B, having a mass flow rate of m0 c and a

temperature of 119.0°F resulting in a hotwell temperature , THW,

given by:

Eq. 23

This mixed  condensate yields a hotwell temperature of 110.12°F,

close to the initial no air hotwell temperature of 108°F.  Whether

this 2.12°F difference is due to needed model refinements or

energy mixing assumptions, the fact remains that it is far

removed from what some observers may expect, 119.03°F; and

very close to some in-plant observations obtained when air

induced back pressure increases are present.  This observed

temperature difference between the hotwell temperature and

vapor temperature  is commonly recognized as "condensate sub-

cooling."  The noted excess back pressure is not caused by series

thermal impedance, similar to what may be found from tube

fouling, although this is the belief of many students of condenser

engineering and science.  It should be noted that condensate

falling through area C is indeed sub-cooled, and finds itself,

while in this region, in the presence of high concentrations of air.

This condition becomes the major contributor to high dissolved

oxygen.  Table 1 shows the results for other smaller stagnant

regions of this condenser.

The response shown here, which is not always the case, will

be seen to have little difference in operating condensers, and will

be the subject of another paper.  However, briefly, Figure 9

shows a more practical condenser configuration containing an

Air Removal Section (ARS) and vent line that exits the shell,

ending at an exhauster suction connection.  Let the steam load

and number of tubes and all other conditions be the same as in

the hypothetical condenser model and allow the shrouded ARS

to occupy about 2 ft2 of the tube sheet containing 84.3 tubes.  If

there is no air in-leakage the system will operate essentially the

same as before.  All tubes will condense equal amounts of steam

and since there is no in-leakage the exhauster would not need to

be operated and the load per tube would be 120.58 lb/hr.

If air leaks into the condenser sufficiently high in the

condenser to have complete mixing with the steam, this air will

be scavenged toward the center of the condenser where the ARS

is located.  The exhauster will extract this air at a rate equal to

the input rate.  As long as the gas mixture density times the

ACFM flow rate is sufficient to extract the water vapor and air

mass flow rates following sub-cooling in the vent of the ARS at

a vapor to air mass ratio above 3, the amount of air in-leakage

will not insulate the tubes at the ARS inlet and thus contribute to

the condenser’s pressure.  This has been determined by the multi-

sensor probe measurements and is generally understood by many

engineering and operating personnel.

If, however, the air in-leakage becomes sufficient to allow
a stagnant zone to develop around the ARS, tubes will become
insulated, reducing the ability to condense steam and the back
pressure will rise in the condenser in the manner described for
the hypothetical condenser.  This along with sub-cooling is the
major cause for tube corrosion on those tubes located near the
central ARS section of condensers.

7. SUMMARY
Although scavenging, air binding, sub-cooling, dissolved

oxygen and excess condenser back pressure have been
extensively discussed in the literature, it is believed that the work
presented here provides the first analytical description of their
interrelationship.  Some of the discussed deficiencies related to
condenser performance can now be characterized as a result of
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accurate measurements using the described multi-sensor probe,
on operating condensers.  The remaining are left for another
presentation due to length of text.

A model has been put forward which is believed to be the
foundation for improvement on the general theory of vapor
surface condensers.  The model shows a distinct differentiation
between the analytical description commonly used to describe
devices in the general category of heat exchangers particularly,
and practically when non-condensables are present with the
condensables.

The model presented allows for condenser design
modifications and/or retrofit to significantly reduce the causes of
corrosion on central tubes.  As with all new findings, there is
opportunity for invention and several patents are pending.
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